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Parametric uncertaintyAbstract This paper studies a nonlinear robust control algorithm of the electro-hydraulic load
simulator (EHLS). The tracking performance of the EHLS is mainly limited by the actuator’s
motion disturbance, ﬂow nonlinearity, and friction, etc. The developed controller is developed
based on the nonlinear motion loading model. The problems of the actuator’s disturbance and ﬂow
nonlinearity are considered. To address the friction problem, the friction model of the loading
motor is identiﬁed experimentally. The friction disturbance is compensated using the obtained
friction model. Therefore, this paper considers the main three factors comprehensively. The devel-
oped algorithm is easy to apply since the controller can be obtained just with one step back-stepping
design. The stability of the developed algorithm is proven via Lyapunov analysis. Both co-simula-
tion and experiments are performed to verify the effectiveness of this method.
ª 2014 Production and hosting by Elsevier Ltd. on behalf of CSAA & BUAA.1. Introduction
Load simulator is crucial equipment in hardware-in-the-loop
(HIL) experiments, which is widely used in aviation and aero-
space ﬁelds. Its main function is to generate the torque/force to
simulate the aero-dynamic load acting on the actuator system,
so that the whole ﬂight control system, which includes the per-
formance of the ﬂight control algorithm and the reliability of
the actuator system, can be veriﬁed under the real ﬂight
condition in the laboratory. The designer of the actuatorsystem, by means of the load simulator, can foresee and detect
potential problems related to the ﬂight control algorithm and
the actuator mechanics. A load simulator offers a much more
efﬁcient development platform in terms of time and cost.1
According to the type of the energy source, a load simulator
can be classiﬁed into three types: electro-hydraulic load simu-
lator (EHLS), electric load simulator (ELS), and pneumatic
load simulator (PLS). Compared to ELS and PLS, EHLS
has many advantages such as: durability, high power to weight
ratio, controllability, accuracy, and reliability.2–4 In view of
these advantages, EHLS have found a wide range of
applications in aircraft and missile industries,5,6 automotive
industry,7 robotics and fault tolerant ﬁelds.8
Aside from the common problems such as parameter uncer-
tainties and nonlinear characteristics which all hydraulic servo
systems possess, the most crucial problem for an EHLS is the
external disturbance caused by the actuator’s active operation.
Improvement of tracking performance of EHLS has been of
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and extensive research has been done to resolve these prob-
lems. A common and natural idea is to carry out a feed-for-
ward compensation using actuator’s velocity signal. Liu,9
Jacazio and Balossini5 exploited actuator velocity to improve
the tracking performance of an EHLS. Jiao et al.10 proposed
to make use of the actuator valve’s input to decouple the actu-
ator’s motion disturbance. Based on this study, the velocity
gap between the actuator and the loading system was extracted
to make a further compensation11,12 and the dual-loop scheme
was developed.13,14 Li et al.15 developed the double-valve
method in which a pressure servo valve was paralleled with a
ﬂow valve for the EHLS. The pressure valve was mainly
responsible for tracking load instruction and the paralleled
ﬂow valve was responsible for releasing the disturbance ﬂow
caused by the actuator’s exercise. The robustness against actu-
ator disturbance was improved partially because the pressure
valve was less sensitive to ﬂow variation than the ﬂow servo
valve. Li16 proposed a control scheme for an EHLS that was
composed by a constant compensator, an inner-loop control-
ler, and an outer-loop controller. The function of the constant
compensator and the inner controller was to suppress the
motion disturbance and the outer-loop controller was designed
to improve tracking performance of the loading system. Su
et al.17,18 developed a novel load structure, of which another
set position servo system was introduced to connect in series
to an EHLS for releasing the disturbance ﬂow. One deﬁciency
of this method is the mechanical structure was too complicated
and the cost was high. In Ref. [3], a hybrid cylinder was inves-
tigated as the actuator of an EHLS and the grey predictor-
fuzzy PID controller was applied. So far, various techniques
such as the quantitative feedback theory,6,19,20 variable struc-
ture control,21 the fuzzy technology,22 neural networks,23
and the H1 mixed sensitivity theory,
24 all have been imple-
mented for EHLS. The central issue of these studies is to apply
a certain robust algorithm for loading systems. However, the
disturbance boundary was hard to determine and the distur-
bance strength was very serious in some occasions.
For most papers concerning on hydraulic position servo
control,25–27 it is very common to focus the efforts on the
problem of nonlinear and parametric uncertainty. For most
studies about load simulator, however, they usually give the
center stage to suppress the actuator’s motion disturbance
while deemphasizing the nonlinear nature and the parameter
uncertainty problem. Although a few research has taken the
nonlinear and parametric uncertainty problem into consider-
ation for force/pressure systems,7,28–33 the loaded objectives
in these studies have no active exercise. Alleyne et al.34 has
detailed the reason of limitation when using a simple control
for a hydraulic force servo system. The EHLS is actually a
motion force/torque hydraulic servo system with serious
external disturbance; hence, it is necessary to resort to some
advanced control technologies to improve the tracking
performance.
Seminal works in the ﬁeld of adaptive robust control for
uncertain nonlinear systems were done in Refs. [35–37] which
treated uncertain nonlinearity and parameters in a systematic
way for hydraulic position servo systems. In this work, the
adaptive robust torque control for an EHLS is studied. The
principal contribution of this work is that the EHLS is
addressed as a nonlinear motion loading system rather than
a linear torque servo system with external disturbance. Thisresult in the developed nonlinear controller is decoupling
against the actuator’s motion disturbance. In additional to
the actuator’s disturbance, friction and ﬂow nonlinearity are
also addressed with the developed controller. The rest of the
paper is organized as follows. Section 2 gives a brief introduc-
tion about the EHLS. The nonlinear robust controller based
on load ﬂow planning is developed in Section 3. Both the
design procedure and the stability analysis are presented.
Section 4 presents co-simulation and experiment results.
Finally, conclusions are drawn in Section 5.
2. System description
In general, an HIL experiment is mainly composed by two sets
of servo systems which are the actuator and the EHLS system.
The schematic diagram and the oil line principle of the EHLS
are described by Fig. 1. As shown in Fig. 1(a), the left part
denotes the position actuator system which is equipped with
a servo valve, a hydraulic swing motor, and an angular enco-
der. The signal from the angle encoder is fed back to the actu-
ator controller to achieve servo angle control. The right part is
the EHLS which is composed by a valve controlled hydraulic
swing motor, an angular encoder, a torque sensor, and an iner-
tia disk to simulate the inertia of the control surface. The
EHLS exerts torque to simulate the air dynamic load acting
on the control surface of the actuator system in a ﬂight pro-
cess. Obviously, the actuator’s active exercise will impact the
torque tracking performance of the EHLS.
Unlike a common force/torque servo system in which a
loaded objective has no active motion, the control objective
of the EHLS, i.e., the output of the torque sensor (see
Fig. 1), is governed by the angle difference between the ends
of the torque sensor. Therefore, torque output can be
expressed as
TL ¼ KSðuL  uAÞ ð1Þ
where TL is the torque output of the loading system (NÆm), KS
is the stiffness of the torque sensor (NÆm/rad), uL and uA are
the angular displacements of the EHLS and the actuator sys-
tem, respectively (rad).
According to the oil principle shown in Fig. 1(b), the ﬂow
continuity equation of the loading motor can be established.
For simpliﬁcation, we assume that the servo valve is matched
symmetrically with ideal zero opening and zero lapping and
the spool of the valve radial-clearance leakage and the external
leakage of the load motor are both negligible, as well as stable
oil source pressure, zero return pressure, and constant oil elas-
tic modulus. Based on these assumptions, the load ﬂow
equation can be given2
QL ¼ DL _uL þ
V
4be
_PL þ CtPL ð2Þ
where DL is the displacement of the hydraulic motor (m
3/rad),
PL = P1  P2(N/m2) is the pressure difference between the
two chambers of the loading motor, P1 and P2 are the pressure
in forward and return chamber, respectively. QL is the load
ﬂow rate (m3/s), _uL is the angular position of the loading sys-
tem (rad/s), V is the total control volume of the EHLS system
(m3), be is the effective bulk modulus (N/m
2), and Ct is the
coefﬁcient of the total internal leakage of the loading motor
due to pressure (m5/(NÆs)).
Fig. 1 Architecture and oil line principle of EHLS.
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_uL ¼ aQL  h1 _PL  h2PL ð3Þ
where a ¼ 1=DL, h1 = V/(4beDL), and h2 = Ct/DL.
The load ﬂow QL governed by the spool displacement can
be given as
QL ¼ CdxxV
ﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃ
Ps  sgnðxVÞPL=q
p
ð4Þ
where Cd is the ﬂow coefﬁcient of the EHLS valve, x is the
area gradient of the EHLS valve (m), q is the oil density (kg/
m3), xv is the spool displacement (m), Ps is the oil source pres-
sure (N/m2),
Considering that the dynamic of the servo valve used in this
paper is much higher than that of the system, the spool
dynamic is ignored
xV ¼ kVu ð5Þ
where kV is the valve gain (m/V), u is the control output (V),
and sgn( Æ ) denotes the discontinuous sign function which is
deﬁned as
sgnðÞ ¼
1 if > 0
0 if ¼ 0
1 if < 0
8><
>: ð6Þ
Given the desired torque reference Td, our aim is to synthe-
size a control output u so that the torque output of the loading
system TL tracks Td as closely as possible in spite of the exter-
nal disturbance caused by the actuator’s active exercise, non-
linear characteristics, and parametric uncertainty. In next
section, the nonlinear robust controller will be developed for
the EHLS.
Before the design process, the following assumption should
be introduced ﬁrst.
Assumption 1. It is assumed that both the torque reference Td
and the actuator’s angle velocity are known and differentiable;
the extent of the parametric uncertainties is known, which
satisﬁes
h 2 Xh , fh : hmin 6 h 6 hmaxg ð7Þwhere h ¼ ½h1; h2T, and hmin ¼ ½h1min; h2minT and hmax ¼
½h1max; h2maxT are known lower and upper bound vectors of h.
Deﬁne the parameter uncertainty bound vector hB
hB ¼ hmax  hmin ð8Þ
Deﬁne the parameter error vector
~h ¼ h h^ ð9Þ
where h^ ¼ ½h^1; h^2
T
is the estimated parameter vector of h; h^1
and h^2 are the estimated parameters of h1 and h2, respectively.
3. Nonlinear robust controller design for EHLS
3.1. Controller design
Deﬁne the torque tracking error e1
e1 ¼ TL  Td ð10Þ
Its time derivative along Eq. (10) is given as
_e1 ¼ KSð _uL  _uAÞ  _Td ð11Þ
Substituting Eq. (3) into Eq. (11) yields
_e1 ¼ KSðaQL  h1 _PL  h2PL  _uAÞ  _Td ð12Þ
Deﬁne the Lyapunov function V1
V1 ¼ 1
2
e21 ð13Þ
Its time derivative noting Eq. (12) is given as
_V1 ¼ e1½KSðaQL  h1 _PL  h2PL  _uAÞ  _Td
¼ e1½KSðaQL  h^1 _PL  h^2PL  _uA þ ~h1 _PL þ ~h2PLÞ
 _Td ð14Þ
Deﬁne
w ¼ ½ _PL PLT ð15Þ
For Eq. (14), if we treat QL as the control input, we can
synthesize a desired load ﬂow to ensure that V1 is semi-
negative deﬁnite, equivalently, to make the torque tracking error
dynamic stable. The planned load ﬂow consists of two parts,
Fig. 2 Block diagram of developed scheme.
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Rewriting Eq. (14) noting Eqs. (15) and (16) yields
_V1 ¼ e1½KSðaQLa  h^Tw _uAÞ  _Td þ KSðaQLr  ~hTwÞ ð17Þ
To ensure that V1 is semi-negative deﬁnite, the calculable
load ﬂow QLa can be synthesized as follows
QLa ¼ 1a ðh^1 _PL þ h^2PL þ _Td=KS þ _uAÞ
QLr ¼  1a ke1
(
ð18Þ
where k> 0 is a design parameter which can be arbitrarily big
theoretically.
Remark 1. QLa is the calculable load ﬂow to achieve the
torque tracking and decouple the external disturbance caused
by the actuator’s motion. As shown by Eq. (18), QLa is
composed by the following four parts, in which the ﬁrst two
terms are generated due to the oil compressibility and the
internal leakage ﬂow. The third term aims at achieving the
torque load and the forth term is responsible for decoupling
the external disturbance caused by the actuator’s active
exercise. QLr is the linear error feedback term used to address
the parameter uncertainty and stabilize the error dynamic
system in Eq. (12).
The remaining task, at this stage, is to obtain the real con-
trol output based on the planned load ﬂow QL. With Eq. (4), it
is easy to see that the main difﬁculty to obtain the real control
output is how to determine the value for the parameters Cd
and x. Fortunately, it is easy to know the rated ﬂow of the
servo valve at a certain valve pressure drop in general. For
instance, all the servo valves of Moog Company give the rated
ﬂow at a 7 MPa pressure drop through the valve.
CdxxV max
ﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃ
DPdrop=q
q
¼ Qrated ð19Þ
where xVmax is the maximum spool displacement (m), which
corresponds to the saturated input umax, and Qrated is the rated
ﬂow (m3/s) when the pressure drop thorough the valve is
DPdrop .
Combining Eqs. (19) and (4), the real control output is syn-
thesized as
u ¼ QLumax
Qrated
ﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃ
DPdrop
PS  sgnðxVÞPL
s
ð20Þ
The developed method can be shown by Fig. 2.
3.2. Stability analysis
Theorem 1. Let the error feedback control parameter be large
enough. Then, the synthesized control output based on the
planned load ﬂow Eq. (18) guarantees that the motion loading
system is exponentially stable and its torque output tracks
error can be determined with the controller parameter.
Proof of Theorem 1: Substituting Eq. (18) into Eq. (17) yields
_V1 ¼ e1½KSðke1  ~hTwÞ 6 e1½KSðke1 þ jj~hTjjjjwjjÞ
6 KSke21 þ KSjjhTBjjjjwjjje1j ð21Þ
Let k be large enough so thatk > k1 þ jjh
T
Bjj2jjwjj2
2e
ð22Þ
holds, where k1 > 0 and e> 0.
Substituting Eq. (22) into Eq. (21) and by completion of
square, it yields that
_V1 6 k1KSe21 þ KS 
jjhTBjj2jjwjj2
2e
e21 þ jjhTBjjjjwjjje1j
 !
6 k1KSe21 þ KS 
e
2
ð23Þ
For clarity, let kr = k1KS and d= KSÆe/2. Rewriting Eq.
(23), we have
_V1 6 kre21 þ d ) V1ðtÞ
6 expð2krtÞV1ð0Þ þ m
2kr
½1 expð2krtÞ ) e21
6 expð2krtÞe21ð0Þ þ
d
kr
½1 expð2krtÞ ð24Þ
This is to say the converging rate of the error dynamic and
the tracking error can be governed by the controller parameter
k in Eq. (18) in the way shown by Eq. (24). Therefore,
Theorem 1 is proven.
4. Simulation and experiment
4.1. Simulation veriﬁcation
4.1.1. Simulation modeling
To test the feasibility of the developed controller, co-simula-
tion based on AMESim and MATLAB/Simulink was carried
out. The load simulator model was build up in AMESim
and the developed controller was achieved in MATLAB/Sim-
ulink, as illustrated in Fig. 3. As shown, the left part stands for
the loading system and the right part is the actuator system to
generate the motion disturbance. The basic mechanism of one
co-simulation cycle is that: ﬁrstly, the states of the EHLS
model are solved by AMESim and fed into the controller
developed in Simulink, then the control signal from Simulink
is fed back into the EHLS model in AMESim, and ﬁnally
the states in AMESim are updated. In order to be consistent
with the experiment test, the sampling rate was set as 0.0005 s.
In order to improve the accuracy of the co-simulation, the
simulation model and their simulation parameters in AMESim
were consistent with the test rig as real as possible. The
simulation parameters are shown in Table 1. As shown, the
Fig. 3 Co-simulation model in AMESim.
A practical nonlinear robust control approach of electro-hydraulic load simulator 739following characteristics have been taken into consideration:
the internal leakage, the static friction, the coulomb friction,
and the viscous friction of the loading motor, the stiffness tor-
que sensor (the stiffness of the load shaft), the stiffness of the
connecting shaft, the inertia of the loading shaft, the inertia
disc, etc. The internal leakage and the friction parameters used
in this simulation were obtained through experiments. To
obtain the friction parameters, the following experiments were
conducted to obtain the data pairs about friction torque versus
velocity for the hydraulic swing motor: the actuator system
was operated as triangular trajectory and the loading motor
was free-state of which two pressure chambers were short-cir-
cuit connected. The purpose of setting the triangular reference
for the actuator system is to manipulate the actuator system
operating as a uniform motion so that the impact of the iner-
tial torque could be avoided. Obviously, the loading motor
was driven with the same velocity. With such experiments,
the friction torque could be measured directly by the torque
sensor. The extensive pairs of data about velocity versus fric-
tion torque are shown in Fig. 4. Based on the tested friction
torque data, the relative friction parameters such as static fric-
tion, viscous friction, and coulomb friction parameters could
be determined.
4.1.2. Simulation results
The loading system tracked sinusoidal torque instruction
500 NÆm and 6 Hz under external sinusoidal motion distur-
bance with an amplitude of 2 degrees and a frequency of
6 Hz, which was generated by the actuator system. The
following comparative simulations between the PID and the
developed NRC (nonlinear robust control) were conducted.Table 1 Simulation parameters in AMESim.
Parameter Value
Motor displacement (cm3/rad) 115
Angular stroke (rad) 0.64
Coulomb friction (NÆm) 24
Viscous friction (NÆmÆrad1Æs1) 5
Connecting stiﬀness (NÆm/rad) 1.2 · 105
Control volume (cm3) 180
Inertia disc (kgÆm2) 0.12As illustrated in Fig. 5, the PID parameters were well tuned
until the system produced a slight shock. The control parame-
ters of the PID in the simulation were: P-gain 0.015, I-gain
0.05; and the control parameters of the NRC were selected
as: k= 1200, the estimates for h^1 and h^2 are selected as
4.2054 · 1010 and 5.0739 · 109, respectively.
Fig. 6 (a) shows that there is an obvious phase lag just based
on the PID control and the tracking error was more than
200 NÆm.Both the serious external disturbance and the response
lag of the loading system lead to the worse performance. With
the developed approach, the tracking performance was
improved signiﬁcantly and the tracking error was reduced to
nearly 30 NÆm. The feasibility and effectiveness of the developed
method were veriﬁed by the co-simulation results.
4.2. Experiment veriﬁcation
4.2.1. Experimental setup conﬁguration
The developed control approach was also performed on an
experiment platform which consisted of four parts: the oil
source system, the mechanical bed, the loading system, and
the simulation actuator system. The photograph of the test
rig is depicted as in Fig. 7(a) and its structure is shown in
Fig. 7(b). In the following experiments, the motion disturbance
was generated by the angle position system, so the real HIL
work conditions could be reproduced. The nozzle ﬂapper type
servo-valves (D765) manufactured by MOOG company were
equipped. The effective angle range of the hydraulic swing
motor was ±45 degree. The angle position and the torque
feedback were obtained by the angle encoder and the patch
type torque sensor, respectively.Parameter Value
Inertia of rotor (kgÆm2) 5.31 · 102
Internal leakage (LÆmin1ÆPa1) 7 · 108
Static friction (NÆm) 25
Torque sensor stiﬀness (NÆm/rad) 2.4 · 105
Supply source (Pa) 1 · 107
Oil modulus (Pa) 1 · 109
Inertia of connecting shaft (kgÆm2) 0.057
Fig. 4 Identiﬁed friction torque model.
Fig. 5 Control output comparison.
Fig. 6 Co-simulation comparison between PID and NRC.
Fig. 7 Photo and structure of test rig.
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pump was used and driven by an AC motor so that the pump
was capable of supplying pressured oil. The security pressurewas limited to 31 MPa by a relief valve. The pressure output
can be set to any valve between 0 and 21 MPa by regulating the
proportional pressure reducing valve. The EHLS consists of a
hydraulic swing motor, a mechanical framework, a servo valve,
a torque sensor, an angle encoder, and a computer included
PCI-bus multifunction card. A 16-bit A/D converter and a 16-
bit D/A converter were used. The speciﬁc parameters and brands
of the main components of the test bed are listed in Table 2 .
4.2.2. Comparative experiment results
Actual system parameters were the same as those in the simu-
lation section. The derivatives of load pressure required in the
control law, both in the above co-simulation and in the exper-
iments, were implemented by a fourth-order Butterworth ﬁlter
with a 100 Hz cut-off frequency.
For the sake of convenience, we rewrite the developed con-
troller as follows:
QLr ¼ |{z}1ake1
1
QLa ¼ 1a ð _uA|{z}
2
þ _Td=KS|ﬄﬄ{zﬄﬄ}
3
þ h^2PL|ﬄ{zﬄ}
4
þ h^1 _PL|ﬄ{zﬄ}
5
Þ
QL ¼ QLr þQLa
u ¼ QL
Qrated
ﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃ
DPdrop
PS  sgnðxVÞPL
s
 umax
8>>>>>><
>>>>>>:
ð25Þ
Fig. 8 Actuator operating with a sinusoidal motion.
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developed algorithm is decomposed into the following ﬁve
cases:
 Case 1: Firstly, only the error feedback term (subscript 1)
and the disturbance velocity term (subscript 2) were used
(see Eq. (25)). It is worth pointing out that the ﬂow nonlin-
earity was not considered in this case. Case1 is actually the
proportional control plus disturbance velocity feed-forward
method which is a traditional control strategy for load
simulators.
 Case 2: Secondly, based on Case1, the ﬂow nonlinearity was
taken into consideration.
 Case 3: Then, based on Case2, the term _T d=KS (subscript 3)
was added.
 Case 4: Moreover, based on Case3, the term h^2PL (subscript
4) was exploited.
 Case 5: Finally, the term h^1 _PL (subscript 5) was added.
Case5 is the developed approach in this paper.
The ﬁve cases experiments were performed and compared
under the same external disturbance condition as in the co-sim-
ulation section: the actuator tracked sine instruction 2, 6 Hz
and the loading system tracked 500 NÆm, 6 Hz. The actuator’s
motion disturbance is shown in Fig. 8, and the loading exper-
iment data are shown in Fig. 9(a)–(j).
As shown in Fig. 9(a) and (b), the tracking error based on
Case 1 is 104 NÆm; Fig. 9(c) and (d) shows that, after taking the
ﬂow nonlinearity into consideration, the tracking error is
slightly reduced to 96 NÆm. The performance was not
improved signiﬁcantly with considering the nonlinear factor.
It is worth noting that, in order to eliminate the shocking
caused by the sign function, the sign function was replaced
by a smooth hyperbolic function during the experiments. This
leads to the performance not being improved signiﬁcantly
when the nonlinear factor was considered.
The principal factors that limit the performance of the load-
ing system are the actuator’s exercise disturbance and the
response lag of the loading system. This can be veriﬁed by
the experiment data based on Case 3, which is shown in
Fig. 9(e) and (f). The phenomenon of phase lag was improved
signiﬁcantly after the term _Td=KS was exploited and the track-
ing error was reduced to 40 NÆm. This can be interpreted as
that the role of this term is like the instruction feed-forward
to some extent; therefore, it could improve the response perfor-
mance of the loading system. Fig. 9(g) and (h) illustrates theTable 2 Main component of test rig.
Element Type
Piston pump A4VSO40DR/10PR25NOO
AC motor 30 kW, 280 V,4 poles, B35
Relief valve DBW10B1-5X/315-6EG24Nqk4
Hydraulic motor DL (115 cm3/rad), range:±45 deg
Servo valve D765–1633-5,38 L/min
Digital encoder ECN413
Torque sensor Strain gauge(HBM)
Pressure sensor US175-c00002-20086
Computer IEI Ws-855GS
A/D card PCI-1716, 250 kHz/s
D/A card PCI-1723,16 bitDACresults based on Case 4. The tracking error was further
reduced to nearly 30 NÆm. The reason of the performance
improvement can be interpreted as that the internal ﬂow was
compensated with the term h^2PL. Based on Case 5 as shown
in Fig. 9(i) and (j), the tracking was further reduced slightly
to less than 30 Nm. Experiment data illustrated that the role
of the term h^1 _PL was not very important. This is easy to under-
stand since the role of this term was to compensate the ﬂow
due to the oil compressibility in theory, while the modulus of
hydraulic oil was very large so the effect of this term was very
weak. Fig. 10 gives the control output, the load pressure and
its derivative of Case 5. Fig. 11 shows the experimental results
of tracking random torque load spectrum.
5. Conclusions
(1) The developed control law shows that, besides the tor-
que tracking error and the actuator’s velocity, the deriv-
ative of the torque instruction, the load pressure, and the
load pressure’s derivative of the loading system can also
be used to improve the torque tracking performance for
the EHLS.
(2) Physically speaking, the role of the actuator’s velocity is
to decouple the external disturbance caused by the actu-
ator’s active operation; the load pressure compensates
the internal leakage of the loading motor; the load pres-
sure’s derivative occurs because the oil is compressible;
the derivative of the torque instruction compensates
the load ﬂow of deformation resulted from the load tor-
que, and can be viewed as the instruction feed-forward
to some extent.Marks Quantity
REXROTH 1
ABB 1
REXROTH 1
Self-development 2
MOOG 2
HEIDENHAIN 2
Institute 701 1
MEAS 2
ADVANTECH 1
ADVANTECH 1
ADVANTECH 1
Fig. 9 Experimental data based on Case 1–Case 5.
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Fig. 10 Control output, load pressure and its derivative based
on Case 5.
Fig. 11 Experiment result of tracking random load spectrum.
A practical nonlinear robust control approach of electro-hydraulic load simulator 743(3) Moreover, the advantage of the proposed controller is
the simplicity. It can be obtained just through one step
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